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RESONANT OSCILLATIONS OF A ROTOR ON AXIALLY PRELOADED BALL
BEARINGS UNDER THE JOINT ACTION OF UNBALANCE AND VIBRATION
OF SUPPORTS

S. Filipkovskyi, Assoc. Prof., Ph. D (Eng.), R. Makovyey, Asst. Prof.,
Kharkov National Automobile and Highway University

Abstract. The model of nonlinear vibrations of the rotor supported by axial preload angular ball-
bearings was developed. The frequency response of the system is obtained by the continuation method
at joint action of unbalance and vibration of supports. Analysis showed that vibrations occurred not
only at fundamental resonant frequencies but also at frequencies less than the resonant ones in inte-
ger times. The character of periodical decisions is investigated.
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PE3OHAHCHBIE KOJIEBAHUSA POTOPA
HA ITAPUKOINNOAWHUITHUKAX C OCEBBIM HATATI'OM
P COBMECTHOM JEACTBUU JUCBEAJIAHCA U BUBPAIIMIH OIIOP

C.B. ®u1unkoBcKuii, 101., K.T.H., P.I'. MakoBeii, cT. nper.,
XapbKOBCKM HAMOHAJIbHBIA ABTOMOOUIbHO-10P0KHbIN YHUBEPCUTET

Annomayus. Ilonyuena mooenv HeruHelHbIX KOIeOAHUN pomopa HA paoudibHO-YROPHLIX UWAPUKO-
NOOWUNHUKAX C NPEO8aAPUMENbHbIM 0Ce8biM HaAmA2oM. Memooom npooonxceHus no napamempy no-
JyHeHa aMNAumyOHO-4ACTHOMHASL XAPAKMEPUCTIUKA CUCIEMbl NPU COBMECHHOM 0elticTheu Oucoaiam-
ca u subpayuu onop. Ananuz noxKazau, 4mo KoIeOAHUs GO3HUKAIOM He MOIbKO HA OCHOBHBIX Pe30-
HAHCHBIX YaCmMOmax, Ho U Ha 4acmomax MeHblle Pe30HAHCHBIX @ Yenoe YUCIO PAs3.

Knrouegvle cnosa: pomop, paouanvHO-yNopHwli WAPUKONOOWUNHUK, HeluHelinble Koebanus,
pe3oHanc.

PE3OHAHCHI KOJIMBAHHS POTOPA HA INAPUKONIAITUITHUKAX
3 OCbOBUM HATSIIOM IIPU CHLJIBHIN A1 JMUCBAJIAHCY I BIBPAIIII OIIOP

C.B. ®ijginkoBcbKHid, 1011., K.T.H., P.I'. MakoBe€#, cT. BUK.I.,
XapkiBcbKHUil HANIOHAJIbHUIT ABTOMOOLILHO-T0POKHIii yHIBepcUTeT

Anomayia. Ompumano mMooenb HeNHIUHUX KOIUBAHL POMOPA HA padialbHO-YNOPHUX UAPUKONIOUIU-
NHUKAX 3 NONEPEeOHIM OCbOBUM HaAmMs2oM. Memooom npodosiicentss no napamempy OmpuMaHo amn-
JIMYOHO-YACIMOMHY XAPAKMEPUCTNUKY CUCmeMU npU CRIIbHIU 0il ducbanaucy i eiopayii onop. Ananis
NOKA3a8, WO KOIUGAHHS GUHUKAIOMb He MINbKU HA OCHOBHUX PE3OHAHCHUX YACMOMAx, aie i Ha yac-
MOMAax MeHule pe30HAHCHUX 8 Yille YUCLO PA3is.

Knrouoei cnoea: pomop, padianvho-ynopHuti apukoniouunHux, Heaititini KOIUGanHs, pe3oHaHc.

Introduction which propagates through the machine structure,

even in the presence of vibration isolation. The

Many devices of special vehicles, for example rotors of these units must be protected from im-
gyroscopic instruments, fans, centrifugal com- pacts that may occur as a result of opening and

pressors operate under conditions of vibration, closing the clearances between the rolling balls
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and races of bearings under transverse rotor vi-
bration. These rotors are mounted on angular
contact ball bearings with axial preload.

Analysis of publications

The equations for determining the non-linear
stiffness of preloaded bearings are derived in
[1], however, for the carried out in this article
research they are linearized. In the article [2],
numerically and experimentally there were in-
vestigated the transverse vibrations of the pre-
loaded angular-contact ball bearing rotor caused
by an unbalance of the disc as well as show their
dependence on the nonlinear contact forces. In
article [3] there was studied the parametric in-
stability of the shaft with ball bearings under the
influence of a variable axial force.

In article [4] there were explored the free oscil-
lations of the preloaded angular-contact ball
bearing rotor as well as derived the backbone
curves and nonlinear normal modes of oscilla-
tions at different angles between the line of ac-
tion of the contact force and the bearing axis. In
work [5], there was analyzed the nonlinear mod-
el of ball bearings, obtained on the basis of the
formulas given in article [1] and defined the lim-
its of applicability of this model.

Purpose and problem statement

Effect of supports vibration on forced oscilla-
tions of the rotor is not investigated so far. The
solution to this problem is urgent, since in the
nonlinear rotor systems there often occur super-
and sub-resonance oscillations. The aim of this
study is to investigate the resonant oscillations
occurring in the preloaded angular-contact ball
bearing rotor caused by the simultaneous action
of the unbalance and vibration of supports.

Design model

The rotor is a shaft with a disk fixed eccentrical-
ly relative to supports (Fig. 1). Designation and
conditions of machines operation, in which they
use axial preloaded ball bearings, are such that
the co-relation of the length and diameter of the
shaft determine the stiffness of the shaft in the
order of magnitude more than the rigidity of bear-
ings. Therefore, the shaft is considered to be a
non-deformable body, the rotor center of mass is
considered to be concentrated in the center of the
disc, and the degrees of freedom are the spindles
movement relative to the outer bearing rings.

<o
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Fig. 1. Rotor design

The components of elastic bearing reactions
along the coordinate axes were derived in work
[1]. One can consider them to be the compo-

nents of the vector function K(X), where X is
the vector of generalized coordinates.

Equations of rotor oscillations

The length of the shaft will be denoted /; move-
ment of the shaft center line in the directions of
the coordinate axes u u, are as follows:

x?

MX(C,I) =X (t)%+x2(t)%,
u,(C,0)=y, (t)¥+y2(t)%, (1)

where { is the coordinate of the shaft cross-
section along the axis z, x(¢), x,(t), »(),
v, (¢) are generalized coordinates describing the
radial movement of spindles; ¢ is a time. The
inner rings of ball bearings produce both radial
and axial oscillations relative to the outer rings.
Let’s note that the movement is insufficient
compared with the length of the shaft. Then, the
longitudinal oscillations of the rotor along the
coordinate axis z can be described by a general-
ized coordinate u_ = z(t).

To generate the equations of motion, one can
use the Lagrange equations. Under our assump-
tions, the expression of the kinetic energy of the
shaft T, as a function of generalized coordi-

nates will be as follows
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where p is density of the shaft material, / and S
are the second moment of area and the area of
the shaft, respectively; Q is an angular speed of
the rotor. The kinetic energy of the disk T, asa

function of generalized coordinates will be

N
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> 20 1
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where I, and I, are the diametrical and polar

moments of inertia of a disk, respectively, m,, is
the mass of the disk, ¢, is the disk coordinate
along the axis z.

From the assumption that the shaft is non-
deformable, it follows that the potential energy
of system deformation is represented only by the
energy  of  deformation  of  bearings
=11, (x.,y,,%,,),,z). Derivatives of the
potential energy on generalized coordinates are
components of the vector function K(X).

Damping is due to bearings lubrication, usually
it is determined on the basis of experiments and
described by the model of viscous friction [6, 7].
In this case, the Rayleigh dissipation function ®
has the form

® Z%(xf eyl a2?), @)
where C is the damping factor.

Using expressions (1), (2), (3) and (4), one can
obtain the equation of oscillations in the matrix
form

M-X+G-X+C-X+K(X)=Q(z), (5

where M is the mass matrix, G is the gyro-
scopic matrix, C is the damping matrix, Q(t) is
the right-hand part vector.

Oscillations are excited by the combined effect
of the disk unbalance forces and the vibration of
supports, therefore

Q(1)=Q, (1) +Qp(w,1), (6)

where Q,(Q,7) is the vector of forces due to
unbalance of the disk, Qn(m,t)
kinematic excitation of oscillations, ® is the an-
gular frequency of vibration of supports. The
first vector is obtained by differentiating (3). Its
components have the following form

— the vector of

Op (Qat)] = moan(l —QTchos Qt,
Op (Qat)z = mOan(l —QTDjsin Qf,
0, (Q,1), = myaQ? 22 QD cos Q) ,

QD(Q:I)4 = mOaQZQTDSith N
QD (Q:t)S = 0 .

The second vector in (6) should be written as
follows [8]

Qn((n,t)z M-An(m,t),

,t) is the
vector of vibration acceleration of supports,

where M is the mass matrix, A (o

An((ot)z

T .
Z[Al'[x] Anyl Ao Anyz Anz] s ot ,

where 4 Ay, are the vibration acceleration

al 2+o>
amplitude.

Numerical analysis of forced vibrations

To study the periodic solutions of the equation
(5), we’ll build a frequency response of peak-to-
peak displacements caused by frequency w. Fre-
quency Q is considered to be fixed. Let’s define
the dimensionless parameters as follows:
Xy =%/29, A=V1/70 Xp=X,/2,
Ve =V2/20, 24=2/2,, ®=0/o,, Q=0Q/w,,
T1=1-,, where z, is an axial displacements of
the inner ring of the bearing with respect to the
outer ring due to the action of the preload force,
o, is the fundamental resonant frequency of the

linearized system. In this work, analysis of the
solutions of equation (5) is formed, using the
continuation method that was proposed in work
[9] and improved in work [10] in the study of
nonlinear rotor vibrations caused by unbalance.
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Oscillations of the non-deformable rotor with
one disk /= 0,5 m, {p = 0,125 m, the shaft diam-
eter d=0,025m, my=10kg, I, =0,1kgn’,
I)=0,2kgm’ that rotates on angular contact
bearings of average series as per GOST Stand-
ard 831-75 are considered. The bearing parame-
ters are as follows: the radius of the outer race
R, =27,5167 mm; o= 15°; the radius of the in-
ner race R, = 16,000 mm,; the radius of the cross
section of races Rx= 5,930 mm; the ball diame-
ter dz = 11,510 mm; the number of balls Nz =7,
the modulus of elasticity E=2,1-10" Pa;
Poisson ratio u = 0,3.

At joint action of the unbalance and vibration of
supports the basic resonant oscillations occur in
form when the shaft spindles are located at one
side of the bearing axis and move in a circle in
the shaft rotation direction. The frequency of
these oscillations corresponds to the third fre-
quency of free oscillations and is further defined
by ®,. Besides this resonance there appear reso-
nances of other forms of rotor oscillations as
well as super-resonance oscillations. Fig. 2
shows the frequency response of the coordinate
yg due to parameter ® .
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Fig. 2. Frequency response yp due to

The resonance peaks ®,, ®;/2 and ®;/3 corre-
spond to the modes when the shaft spindles are
located on opposite sides of the axis of symmetry
of bearings and during oscillations move towards
the rotor rotation. Super-resonance frequencies
®, /2 and ®, /3 refer to resonance frequency

as integers — 1/2 and 1/3.

Resonance ®, corresponds to the form when

the shaft spindles are located on opposite sides
of the axis of symmetry of bearings and during
oscillations move oppositely the shaft rotation.
The frequencies ®,and ®; represent the fourth
and fifth frequency of free oscillations. In Fig. 2
resonances with lower frequencies correspond-
ing to these modes are noticeable. Their peak-to-

peak displacements are small and the frequen-
cies are also treated as integers.

The resonant peak ®, has the highest magni-

tude. In the region of low frequencies in Fig. 2
there can be seen super-resonances ®,/2 and

®, /3 as well as not marked in the figure ,/4
and ®, /5, which correspond to the modes when

the shaft spindles are located at one side of the
axis of symmetry of bearings and during oscilla-
tions move towards the shaft rotation. Their fre-
quencies refer to the frequency of the fundamen-
tal resonance as 1/2, 1/3, 1/4, 1/5.

Analysis of resonant oscillation modes

The orbit s of the centers of shaft spindles on the
main resonances of all modes are close to a cir-
cles as shown in Fig. 3 for the mode correspond-
ingto ®; (®=0,9858).
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Fig. 3. The orbit of the spindle B, @ = 0,9858

For super-resonance frequency during each cy-
cle of oscillation the shaft spindle describes as
many loops close to the circumference as many
times the frequency is lower than the fundamen-
tal frequency for this mode, as it is shown in
Fig. 4 for ®, /2 and in Fig. 5 for ®, /3.
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Fig. 4. The orbit of the spindle B, @ = 0,5619
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Between the peaks with big peak-to-peak dis-
placements in Fig. 2 there can be clearly seen
the peaks with relatively small displacements
and frequencies relating to the resonance fre-
quency ®, and ®, as integers. As a result of
the superposition of oscillations according to
several modes, here the orbits of the centers of
spindles are more complex, as it is shown in
Fig. 6 for the frequency @ =0,5098 .
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Fig. 5. The orbit of the spindle B, @ = 0,3746
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Fig. 6. The orbit of the spindle 4, ® = 0,5098

In this mode, there occurs the superposition of
oscillations according to the modes of resonanc-
es ®; and o;.

Conclusions

Analysis of the nonlinear preloaded angular-
contact ball bearings rotor dynamics has shown
that at joint action of unbalance and vibration of
supports there are excited several forms of rotor
oscillations. All frequency responses are soft. In
this case, besides the main resonance oscilla-
tions there occur super-resonance oscillations at

frequencies lower than the resonant ones in an
integer number of times.

Resonances corresponding to the modes, when
the shaft spindles are located on one side of the
symmetry axis of bearings have the largest am-
plitude, and the resonances corresponding to the
modes, when the shaft spindles are located on
opposite sides of the axis of symmetry of bear-
ings and during oscillating move oppositely to
the shaft rotation — the lowest amplitude.

This system behavior is explained by the com-
plexity of disturbances due to the fact that the
rotor rotation frequency is within the range of
vibration frequencies of supports. The superpo-
sition of these disturbing vibrations leads to the
fact that in the disturbing load there can be ob-
served beats that cause super-resonant oscilla-
tions.
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